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Abstract

Heat transfer and pressure drop characteristics of four microfin tubes were experimentally investigated for conden-

sation of refrigerants R134a, R22, and R410A in four different test sections. The microfin tubes examined during this

study consisted of 8.92, 6.46, 5.1, and 4 mmmaximum inside diameter. The effect of mass flux, vapor quality, and refrig-

erants on condensation was investigated in terms of the heat transfer enhancement factor and the pressure drop penalty

factor. The pressure drop penalty factor and the heat transfer enhancement factor showed a similar tendency for each

tube at given vapor quality and mass flux. Based on the experimental data and the heat–momentum analogy, correla-

tions for the condensation heat transfer coefficients in an annular flow regime and the frictional pressure drops are

proposed.

� 2005 Elsevier Ltd. All rights reserved.
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1. Introduction

Since Fujie et al.�s [1] invention, microfin tubes have

received a lot of attention because they ensure a large

heat transfer enhancement (80–180%) with a relatively

small increase in pressure drop (20–80%). Microfin tubes

are typically made of copper and have an outside diam-

eter between 4 and 15 mm, have a single set of 50–70

spiral fins with spiral angle between 6� and 30�, and a

fin height between 0.1 and 0.25 mm. The heat transfer
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enhancement is caused by the increase in the surface

heat transfer area, the mixing induced by fin in the liquid

film, and the surface tension effect on the condensate

drainage in microfin tubes.

Numerous researchers [2–10] have proposed conden-

sation heat transfer and pressure drop correlations for

microfin tubes. Newell and Shah [11] reviewed the char-

acteristic of two-phase heat transfer, pressure drop, and

the effect of void fraction in microfin tubes. Garcı́a-

Valladares [12] reported that additional work was

needed to develop a generalized heat transfer correlation

for microfin tubes. Wang and Honda [13] evaluated the

existing condensation heat transfer correlations for

microfin tubes with their collected experimental heat

transfer data. They reported that the Yu and Koyama
ed.
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Nomenclature

A heat transfer surface area [m2]

cp specific heat of fluid at constant pressure

[J/kg K]

D tube diameter [mm]

dP pressure drop [N/m2]

dz distance along the flow direction [m]

e fin height [mm]

e+ roughness Reynolds number [dimensionless]

(=eut/m)
Eh heat transfer enhancement factor [dimen-

sionless] (=hm/hs)

f friction factor [dimensionless]

g acceleration due to gravity [m2/s]

G mass flux [kg/m2 s]

h heat transfer coefficients [W/m2 K]

ht heat transfer coefficients in the groove

[W/m2 K]

i enthalpy [J/kg]

k thermal conductivity of fluid [W/mK]

L test section length [m]

m mass flow rate [kg/s]

n number of fins [dimensionless]

N total number of data [dimensionless]

Nu Nusselt number [dimensionless] (=hDi/k)

p axial fin pitch [mm] (=pDi/n tanb)
PF pressure drop penalty factor [dimensionless]

(=dPm/dPs)

Pr Prandtl number [dimensionless] (=m/a)
Prt turbulent Prandtl number [dimensionless]

(= em/eh)
Q heat transfer rate [W]

T temperature [�C]
tþw temperature difference in the groove [dimen-

sionless] (=qcput/ht)
u fluid time average axial velocity [m/s]

ut turbulent friction or shear velocity [m/s]

(=s0.5/q0.5)
x vapor quality [dimensionless]

Xtt Lockhart–Martinelli parameter [dimension-

less]

y distance measured from the duct wall [m]

y+ wall coordinate [dimensionless] (=yut/m)

Greek symbols

a thermal diffusivity [m2/s]

b spiral angle [�]
d liquid film thickness [m] (=(1 � k)Di/4)

D difference [dimensionless]

eh eddy thermal diffusivity for turbulent flow

[m2/s]

em eddy kinematic viscosity for turbulent flow

[m2/s]

U two-phase frictional multiplier [dimension-

less]

k void fraction [dimensionless]

m kinematic fluid viscosity [m2/s]

h apex angle of a fin [�]
q density [kg/m3]

s shear stress [N/m2] (=Di(dP/dz)fr/4)

Subscripts

exp experimental

f refrigerant

fr frictional

g gas phase

i inside

in inlet

l liquid phase

lo liquid only

m microfin tube

o outside

out outlet

pre pre-heater

pred predicted value

s smooth tube

sat saturation

ts test section

w wall or water
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[9] correlation gave the best prediction of performance

among the empirical correlations. Wang et al. [14] com-

pared the condensation frictional pressure drop correla-

tions for microfin tubes and reported that the Goto et al.

[8] correlation showed the best results even though it

does not consider any geometrical effects.

The characteristics of smaller diameter tubes must be

investigated to develop information for compact size

heat exchangers. Although the extensive studies on

two-phase heat and flow characteristics in microfin tubes
has been done, more research on the characteristics of

microfin tubes less than 6 mm in diameter is needed.

Although a relatively large number of correlations have

been proposed for microfin tubes, the existing correla-

tions need to be evaluated with the experimental data

of smaller diameter tubes. Without considering of geo-

metrical effects, heat transfer enhancement cannot be en-

sured even if smaller size diameter tubes are introduced.

Therefore, the heat transfer and frictional pressure

drop characteristics of smaller microfin tubes must be
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investigated and compared with the smooth tubes. In

this study, four different microfin tubes were used with

R22, R134a, and R410A. The maximum inside diame-

ters of the tubes were 8.92, 6.46, 5.1, and 4 mm. The ef-

fect of the vapor quality and mass flux were investigated

in terms of the heat transfer enhancement factor and the

pressure drop penalty factor. Finally, a condensation

heat transfer correlation and a frictional pressure drop

correlation were proposed. Obtained experimental data

and other researchers� data were compared with the

existing heat transfer and the pressure drop correlations

and newly proposed correlations in this study.
2. Experiments

2.1. Experimental apparatus and procedures

Fig. 1 shows the schematic of the experimental appa-

ratus. The system was made up of two independent

loops, a low temperature cooling water loop and a high

temperature refrigerant loop. The refrigerant loop was

composed of a magnetic gear pump, a mass flow meter,

a pre-heater, and a heat exchanger. The magnetic gear

pump and needle valves controlled the mass flow rate

of the refrigerant. The mass flow meter was located be-

tween a filter and the pre-heater and measured the mass

flow rate of the sub-cooled refrigerant. Its full scale

accuracy was ±0.5%. The subcooled refrigerant was

heated by the pre-heater to acquire a predetermined inlet

vapor quality before entering the test section. Electri-

cally insulated heating wires were wrapped around the

surface of copper tubes in the pre-heater. The pre-heater

was insulated with glass fibers and rubber. The amount

of heat loss from the pre-heater was calibrated through

pre-tests with water; this was then correlated to the volt-

age input. The maximum heat loss in the pre-heater did

not exceed 3.2%. The two-phase refrigerant entered the

test section and was condensed. Afterwards, the refriger-

ant was sub-cooled by the additional heat exchanger and

went into a liquid receiver. The condensing pressure and
Fig. 1. Schematic diagra
temperature of the refrigerants in the system were deter-

mined by adjusting the flow rate and the temperature of

the water in the heat exchanger. Finally, the sub-cooled

refrigerant was re-circulated through the refrigerant

loop.

The cooling water loop was composed of a heat ex-

changer, a volumetric flow meter, and a pump. The cool-

ing water was pumped to the circular-tube annulus,

where it absorbed the heat of the condensing refrigerant.

The cooling water loop rejected heat to a temperature

controlled water bath. The temperature difference be-

tween the refrigerant and cooling water (averaged value

of inlet and outlet temperatures) was controlled near

15 �C during the experiments. The volumetric flow meter

had ±1.5% full scale accuracy. Fig. 2 illustrates the test

section. The test section was a horizontal tube-in-tube

heat exchanger. The refrigerant flowed through the cop-

per tube and the cooling water flowed through the annu-

lus in the counterflow direction. The effective heat

transfer length was 1000 mm. A 19 mm inner diameter

acryl tube was used as a circular-tube annulus. A

straight tube of 1700 mm in length was placed in front

of the test section to stabilize the flow. Because of the

thin wall thickness of microfin tubes, it was difficult to

make a hole on the surface of microfin tubes for the

pressure taps. Therefore, two tees that had a 1.6 mm

outside diameter tube were soldered at both ends of each

test section. The 1.6 mm outside diameter tubes were

connected to a differential pressure transducer. The full

scale accuracy of the differential pressure transducer

and pressure gauges were ±0.5%. The tee also had a

1.6 mm diameter hole for the insertion of a thermocou-

ple to measure the refrigerant temperature.

In Fig. 2, the lower right side figure illustrates the

placement of the refrigerant side measurement instru-

mentation. The annular side water temperature was mea-

sured by four 1.6 mm diameter T-type thermocouples at

each inlet and outlet port. Four thermocouples were

placed in each location, as shown in Fig. 2 (cross-section

B–B). The inlet and outlet water temperatures were

determined by an average of the four thermocouples.
m of test facility.



Fig. 2. Schematic diagram of test section.
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Four 0.13 mm diameter T-type thermocouples were

carefully soldered on top, bottom, right and left sides

of copper tube as shown in Fig. 2 (cross-section A–A)

to measure the tube wall temperature. The four thermo-

couples were located in the center of the test section. The

test sections were well insulated with the glass fiber and

rubber. Through pretest runs, the amount of heat loss

was calculated from the energy balances between the in-

ner copper tube side and the annular side. The heat loss

was 3% of the total heat transfer rate.

Sight glasses were mounted at the inlet and outlet of

the test section to visualize the flow. Steady state was ob-

tained by the control of the inlet temperature and the

flow rate of water. All experimental data were recorded

under the steady state. Flow condition was considered to

be steady state when all temperature oscillations were

less than ±0.1 �C.

2.2. Heat transfer data reduction

The subcooled refrigerant enthalpy upstream of pre-

heater was determined by measuring its temperature and

pressure. Then, the test section inlet enthalpy could be

calculated from the heat input of the pre-heater.

its;in ¼ ipre þ Qpre=mf ð1Þ

The condensing heat transfer rates in the test sections

were obtained by the mass flow rate and the temperature

difference of the cooling water.

Qts ¼ mwcp;wDT w ð2Þ

The enthalpy of test section outlet was calculated

from Eq. (3).

its;out ¼ its;in � Qts=mf ð3Þ
With the enthalpies calculated, test section inlet

vapor quality was given by Eq. (4).

xts;in ¼ ðits;in � ilÞ=ilg ð4Þ

The difference of refrigerant vapor quality was deter-

mined by Eq. (5).

Dx ¼ xts;in � xts;out ¼ Qts=mf � ilg ð5Þ

Then, the averaged vapor quality in the test section

was found by Eq. (6).

xts ¼ xts;in � Dx=2 ð6Þ

Averaged tube outside wall temperature was ob-

tained as follows:

T w;o ¼ ðT w;top þ T w;bottom þ T w;left þ T w;rightÞ=4 ð7Þ

The tube inside wall temperature was calculated as

follows:

T w;i ¼ T w;o þ Qts lnðDo=DiÞ=2pkL ð8Þ

Heat transfer coefficients were calculated from the

heat transfer rate, the tube inside temperature and the

actual tube inside surface area. The actual inside surface

areas of microfin tubes were obtained from numerical

models.

h ¼ Qts=AðT f � T w;iÞ ð9Þ

Because of the pressure drop during condensation,

the outlet refrigerant temperature of test section was

lower than that of inlet. For the 8.92 mm and 6.46 mm

ID tubes, the temperature differences were less than

0.2 �C. For the 4 mm ID tube, the maximum tempera-

ture drops were 0.5, 2.2, and 0.8 �C for R22, R134a,

and R410A, respectively. It assumed that temperature

varied linearly in the test section. Therefore, the
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averaged values of the inlet and the outlet refrigerant

temperatures were used for the calculation of heat trans-

fer coefficients and refrigerants properties.

2.3. Pressure drop data reduction

The two-phase pressure drops are usually composed

of a static pressure drop, a momentum pressure drop, a

frictional pressure drop, and a port pressure drop. The

static pressure drop can be neglected in the horizontal

flow. Thus, the frictional pressure drop can be obtained

by the elimination of the other pressure drops from the

measured pressure drop. The entrance and exit ports

pressure drops were evaluated by the loss coefficient

concept with equivalent Reynolds number. The loss

coefficient was taken from Idelchik [15]. To calculate

momentum pressure drops, the void fraction correla-

tion from Yashar [16] for microfin tubes was used.

The momentum pressure drop can be expressed as

follows:

DPmom ¼ G2 ð1� xÞ2

qlð1� kÞ þ
x2

qgk

( )
outlet

"

� ð1� xÞ2

qlð1� kÞ þ
x2

qgk

( )
inlet

#
ð10Þ

where, the void fraction, k is
Table 1

Geometries of test tubes and working condition

Di [mm] e/Di b [�] h [�] n Am/As

4 0.0325 9 40 60 1.895

5.1 0.0255 10.3 40 60 1.705

6.46 0.0232 18 53 60 1.616

8.92 0.0135 25 48 60 1.446

Fig. 3. Typical geometry
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2.4. Uncertainties

The maximum uncertainties are ±2.6% for the water

temperature difference, ±2.2% for the temperature differ-

ence between tube wall and refrigerant, ±2.8% for the

mass flow rate of water, ±2.4% for the mass flux of

refrigerant, ±3.4% for the heat flux of test section,

±4.3% for the vapor quality, ±9.7% for the pressure

drop, and ±11.1% for the local Nusselt number. The

largest uncertainties occurred in the low mass flux re-

gion. The uncertainties of the Nusselt number varied

from ±7.3% to ±11.1%. The procedures of ASME stan-

dard [17] were used for the calculation of all uncertain-

ties. All the uncertainties were calculated at the 95%

confidence level.

2.5. Tube geometries and test conditions

Table 1 shows the specifications of microfin tubes

and working conditions. Fig. 3 shows the typical geom-

etry of microfin tubes. The principal geometrical param-
G [kg/m2 s] Tc [�C] Refrigerant

456–1110 18.5–33.8 R134a, R22, R410A

287–921 19.1–32.2

178–521 19.0–31.7

91–404 20.1–32.0

of microfin tubes.
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eters of microfin tubes are the fin height (e), the spiral

angle of fins (b), the axial fin pitch (p), the number of fins

(n), and the apex angle of a fin (h). Four different micro-

fin tubes were tested. The maximum inside diameters of

tubes were 8.92, 6.46, 5.1, and 4 mm. Other geometrical

factors like the spiral angle, the relative roughness (fin

height) and the apex angle varied from one another.

The surface area enhancement ratio of each tube was

calculated with the same ID smooth tube. A 7.92 mm in-

side diameter smooth tube was also tested to verify the

experimental apparatus. R22, R134a, and R410A were

used as the working fluids for all the tubes. Mass flux

and condensation temperature are also shown in Table

1.
3. Results

3.1. Flow regime

Several researchers have tried to visualize the flow

pattern in microfin tubes to investigate the flow mecha-

nism. Among them, Censi et al. [18] proposed a rela-

tively simple flow pattern map with R134a and a

single microfin tube. Although Censi et al.�s [18] flow

pattern map was developed with limited data, it is useful

for flow pattern prediction.

Fig. 4 shows the flow pattern in terms of modified

fluid velocity and the Lockhart–Martinelli parameter.

As condensation proceeds, all test runs start from the

left side of the graph and move to the right. With the

increase of the mass flux and vapor quality, the flow

pattern moved to the annular flow regime. 38% of the

experimental data of the 8.92 mm inside diameter tube

were located in the stratified wavy flow regime. Most

experimental data of 6.46, 5.1, and 4 mm inside diameter

tube were placed in the annular flow regime.

Censi et al. [18] detected an earlier transition into the

annular flow regime in their microfin tube. Surface ten-
Fig. 4. Flow regime map on the Censi et al. [18] map.
sion and the fin spiral angle may help to change the

stratified wavy flow into the annular flow. Oh and

Bergles [19] also visualized the flow pattern in microfin

tubes and reported that a microfin tube with 6� spiral

angle groove was the most effective in pulling the liquid

upward at 200 kg/m2 s and a tube with 18� spiral angle
groove was the most efficient in uniform liquid distribu-

tion at 50 kg/m2 s. This means that flow pattern depends

on the geometry of tube. Therefore, additional works

are needed to develop the flow pattern map and investi-

gate the flow mechanism in microfin tubes.

3.2. Smooth tube

To verify the experimental apparatus and data, a

7.92 mm inside diameter smooth tube was tested and

its heat transfer coefficients and pressure drops were

compared with existing smooth tube correlations. The

mass flux range for the smooth tube was 80–450 kg/

m2 s. Condensation temperature and vapor quality

ranges were similar to those of the microfin tubes.

R22, R134a, and R410A were also used as working flu-

ids for the smooth tube. Cavallini et al. [20] recom-

mended the Kosky and Staub [21] condensation heat

transfer correlation in the annular flow regime and the

Jaster and Kosky [22] correlation in the stratified flow

regime. After the application of both correlations, the

higher of the two values is taken as the predicted heat

transfer coefficient. Ould et al. [23] reported that the

Müller-Steinhagen and Heck [24] frictional pressure

drop correlation produced the best result for smooth

tubes. Figs. 5 and 6 show the comparison between exper-

imental data and predicted values of the correlations for

the pressure drops and the heat transfer coefficients of

the smooth tube. The Müller-Steinhagen and Heck [24]

frictional pressure drop correlation slightly over-pre-

dicted for R410A and under-predicted for R22. Ninety
Fig. 5. Experimental smooth tube pressure drop data versus the

existing correlation.



Fig. 6. Experimental smooth tube Nusselt number versus the

existing correlations.
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three percentage of the frictional pressure drop data

were placed within ±30% deviation and 97% of the Nus-

selt number data were placed within ±20% deviation.

3.3. Pressure drop penalty factor

Frictional pressure drop characteristics of microfin

tubes were investigated in terms of the pressure drop

penalty factor (PF). The PF is the ratio of frictional

pressure drop per unit length of a microfin tube and that

of a smooth tube at the same maximum inside diameter

and operating condition. The Müller-Steinhagen and

Heck [24] frictional pressure drop correlation was used

to evaluate the corresponding smooth tube pressure

drop.
Fig. 7. PFlocal and Ehlocal v
Figs. 7 and 8 show the effect of vapor quality and

mass flux on the PFlocal, respectively. The PFlocal in

Fig. 7 is the local value at specific mass flux, vapor qual-

ity, and condensation temperature. Peak points were de-

tected and those points varied as tube geometry and

mass flux changed. The PFlocal increased with vapor

quality in the lower vapor quality region and decreased

after reaching the upper limit of 0.6. This phenomenon

can be explained by turbulence generation from the

microfins. With vapor quality increasing, microfins ex-

trude over the liquid film. These extruded microfins

slightly increase the frictional loss in the medium vapor

region (0.4–0.6 vapor quality). But in the high vapor

quality region, the turbulence level is high enough that

contribution to turbulence generation by extruded

microfins decreases with the vapor quality. Eckels and

Tesene [25] reported that pressure drop penalty factors

generally decreased with vapor quality at 250 kg/m2 s

in an 8.92 mm inside diameter tube for R22, R410A,

R407C, and R134a. However, they evaluated PF values

with an 8.01 mm inside diameter smooth tube at the

same mass flux and vapor quality. Therefore, their com-

parison might have inaccurate information. Cavallini

et al.�s [26] R134a experimental data at 200 kg/m2 s in

a 7.69 mm inside diameter tube also had a peak point

like this experiment. However, their peak point was

placed in the lower quality region (0.3–0.4 vapor qual-

ity). This may be an effect of the fin height difference.

Cavallini�s microfin tube had a 0.23 mm fin height.

Higher fins may extrude over the liquid film at the lower

vapor quality region. These differences between experi-

mental results may also come from the flow regime

and the tube geometries. Therefore, flow patterns with
ersus vapor quality.



Fig. 8. PFave versus mass flux.
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consideration for the tube geometries should be investi-

gated to predict accurate two-phase characteristics in

microfin tubes.

The effect of refrigerants and mass flux on pressure

drop penalty factor is shown in Fig. 8. The values of

the PFave shown in Fig. 8 were averaged over vapor

quality at a specific mass flux and condensation temper-

ature. Therefore, the values of the PFave in Fig. 8 were

defined as follows:

PF ave ¼
P

PF localxlocalP
xlocal

ð12Þ

Regardless of refrigerant, each tube shows a similar

tendency for mass flux variation. The 8.92 and the

6.46 mm inside diameter tubes had peak points. Flow re-

gime transition might be one of the reasons for this phe-

nomenon. Censi et al. [18] observed the flow pattern of a

7.69 mm inside diameter microfin tube with R134a and

reported that the stratified wavy flow pattern was chan-

ged into annular flow at about 200 kg/m2 s and 0.5

vapor quality. The 5.1 and the 4 mm inside diameter

tubes showed decreasing tendencies with a relatively

gentle slope. The working condition of the 5.1 and the

4 mm inside diameter tubes were placed in a higher mass

flux region. Therefore, the flow regime of the 5.1 and the

4 mm inside diameter tubes remained annular without

the flow pattern transition as shown in Fig. 4. Another

interesting point is that R410A has the lowest pressure

drop penalty factor. This is because of the Müller-Stein-

hagen and Heck [24] correlation�s slight (about 20%)

over-predicting tendency for R410A. Moreover, for

R22 and R134a, the Müller-Steinhagen and Heck [24]

correlation showed a slightly under-predicting tendency.

Therefore, the pressure drop penalty factor does not
seem to have a significant difference among the tested

refrigerants. The Müller-Steinhagen and Heck [24] cor-

relation�s over-predicting tendency for R410A may ex-

plain the lower PFave of the 4 and the 5.1 mm ID

microfin tubes. Hence, it is needed to obtain experimen-

tal data with the same ID smooth tube or develop an

accurate correlation in order to understand the charac-

teristic of smaller diameter microfin tubes.

3.4. Heat transfer enhancement factor

The heat transfer characteristics of microfin tubes

were investigated in terms of the heat transfer enhance-

ment factor (Eh). The Eh was defined as the ratio be-

tween heat transfer coefficient for a microfin and that

of a smooth tube at the same operating condition and

maximum inside diameter. (Eh = hm/hs) Kosky and

Staub [21] condensation heat transfer correlation and

Jaster and Kosky [22] correlation were used to evaluate

the smooth tube Nusselt number with the same inside

diameter tube at the identical working conditions (vapor

quality, mass flux, and saturation temperature).

Fig. 7 also shows Ehlocal values with vapor quality.

Fig. 9 shows the effect of mass flux on the Ehave. The

Ehlocal and the Ehave were defined in the same manner

as the PFlocal and the PFave. The area of microfins in va-

por increases as vapor quality increases. Exposed micro-

fins in direct contact with the vapor phase help to

increase the heat transfer. Moreover, the decrease of

the liquid film with vapor quality increasing promotes

the surface drainage between microfins. In the higher va-

por velocity region, turbulence by fluid velocity is strong

enough that the effect of the fins may be lessened.

Because the increase of mass flux promotes flooding of



Fig. 9. Ehave versus mass flux.
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liquid over the grooves and this phenomenon reduces

the fin effect, the contribution of fins on the heat transfer

enhancement is reduced and the heat transfer surface

area augmentation becomes the dominant factor for

the heat transfer enhancement in microfin tubes in the

very high mass flux region (GP 400 kg/m2 s).

Eckels and Tesene [27] tested an 8.92 mm inside

diameter microfin tube with R22, R410A, R134a, and

R407C. They reported that the Ehlocal decreased with va-

por quality at a higher mass flux (600 kg/m2 s) but the

Ehlocal had concave point at a lower mass flux (250 kg/

m2 s). This occurred for all of the tested refrigerants ex-

cept R134a. They evaluated the Ehlocal with a different

inside diameter smooth tube like their PF values. There-

fore, their results may be different if they evaluate the

Ehlocal with the use of the identical inside diameter

smooth tube. Cavallini et al. [28] reported that the ten-

dency of the Ehlocal with vapor quality and mass flux.

In the lower mass flux region, Ehlocal increased with va-

por quality. In the higher mass flux region, vapor quality

did not make any significant difference on the Ehlocal.

They also reported that heat transfer enhancement fac-

tor had a peak point like this study. Censi et al. [18] also

reported similar results like this study.

Another interesting point is that the Ehave were lower

than unity at the higher mass flux region. However, heat

transfer coefficients ofmicrofin tubes are larger than those

of smooth tubes if the heat transfer area augmentation is

considered. Similar results were also reported by Censi

et al. [18]. This implies that the effect of microfins is re-

duced at the higher mass flux region. Therefore, microfin

tubes may be more effective in the lower mass flux region.

The effect of vapor quality and mass flux were quite

similar to those of the pressure drop penalty factor. This
implies that heat transfer mechanism is closely related to

pressure drop in the tested microfin tubes like heat–

momentum analogy in the single-phase.

The heat transfer enhancement factor was different for

each refrigerant. The heat transfer enhancement value of

R410Awas the lowest among the tested refrigerants. This

phenomenon may be explained with the prediction accu-

racy of the smooth tube correlation (±20%) and the

experimental uncertainties (±11%). On the other hand,

Jung et al. [29] explained this difference in other way.

Their Ehave of R22 was 0.25–0.5 higher than that of

R410A. Furthermore, their maximum Ehave difference

between R407C and R22 was 0.73. They reported that

their tested tube (8.92 mm ID, 0.2 mm fin height, 18�
helix angle, 60 fins) might be optimized for R22 and

new tube geometries must be suggested for R410A and

R407C, separately. This means that each refrigerant

may have a specific optimized geometry to obtain the

maximum heat transfer enhancement. To evaluate their

statement, additional accurate experimental verifications

with various tubes and refrigerants are needed.

3.5. Correlations

Based on the experimental data, a relatively simple

condensation frictional pressure drop correlation for

the four microfin tubes was developed with the two-

phase frictional parameter, Ul. The frictional pressure

gradient for the two-phase flow was related to the pres-

sure gradient for liquid phase by
dP
dz

� �
fr

¼ U2
l

fl½Gð1� xÞ�2

2Diql

ð13Þ
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where, fl and Ul can be obtained from Eqs. (14) and (15),

respectively.

fl ¼ 0.193
Gð1� xÞDi

ll

� ��0.024 p
e

� ��0.539
ð14Þ

U2
l ¼ 2.684X�1.946

tt ð15Þ

where, Xtt is the Lockhart–Martinelli parameter.

Table 2 shows the root mean square (r.m.s.) devia-

tion (%) of existing correlations and the proposed corre-

lation of this study. This r.m.s. term is defined as

follows.

r:m:s: ¼

ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
1

N

X datapred � dataexp

dataexp

� �2
s

ð16Þ

Although the Newell and Shah [5] correlation does

not consider any geometrical effect, their correlation

showed the best overall predicting result for this study.

The best predicting correlation was different for each

tube type and refrigerant. The Goto et al. (2) [8], the

Newell and Shah [5], and Eqs. (13)–(15) gave the best re-

sults for R134a, R22, and R410A, respectively (the Goto

et al. [8] (1) and (2) denotes the vapor and liquid phase

correlations, respectively). Newell and Shah [5] predicted

the best for 4 and 5.1 mm inside diameter tubes. Choi

et al. [7] and the Goto et al. (1) [8] showed the best

predicting performances for 6.46 and 8.92 mm inside

diameter tubes, respectively.

A heat transfer correlation was developed for the

annular flow regime in this study. It is assumed that li-

quid film thickness is uniform around the tube periphery

because of the greater influence of shear force. Since the

vapor core is very turbulent, radial temperature gradi-

ents and the temperature in the vapor core are neglected.

Temperatures in the vapor core and at the liquid–vapor

interface are assumed to be equal to the saturation tem-
Table 2

r.m.s. deviation for pressure drop

Refrigerant Di

[mm]

Choi

et al.

Nozu

et al.

Haraguchi

et al.

Kedzierski and

Goncalves

C

e

R134a 4 47.2 148.9 113.4 56.9 1

5.1 36.0 104.1 79.0 34.3 1

6.46 13.4 26.1 12.5 15.9 2

8.92 17.6 15.1 22.9 31.6 2

R22 4 48.0 172.7 132.0 58.9 2

5.1 40.9 126.0 96.8 39.9 2

6.46 69.2 105.8 76.0 65.3 6

8.92 36.2 30.8 13.3 35.3 4

R410A 4 73.9 269.6 195.9 89.9 5

5.1 72.6 211.4 158.0 73.0 5

6.46 14.2 77.0 35.5 13.2 1

8.92 18.6 33.7 18.8 33.2 1

Total 45.3 130.8 96.9 49.9 3
perature. From the relationship between heat flux and

temperature distribution, following integral form can

be expressed asZ T

0

dT ¼ Q
qcpA

Z d

0

dy
aþ eh

ð17Þ

Through the introduction of the non-dimensional

distance from the wall in wall coordinates, y+(=yut/m),
Eq. (17) can be written in two parts corresponding to

the semi-stagnant fluid and the fully turbulent region

at the fin tip. Eq. (17) can be written as

qcput
h

¼
Z dþ

0

dyþ

1=Pr þ eh=m
¼ tþw þ

Z dþ

eþ

dyþ

1=Pr þ eh=m
ð18Þ

where, ut is the turbulent frictional velocity

ut ¼
s
q

� �0.5
¼ Di

4q
dP
dz

� �
fr

� 	0.5
ð19Þ

In Eq. (18), 1/Pr can be neglected in the fully turbu-

lent region. tþw (=qcput/ht) represents the temperature dif-

ference (non-dimensional) in the groove and contains

the local heat transfer coefficient in the groove, ht.

Generally, roughness Reynolds number at the fin tip

in the annular flow regime exceeded 21 in this experi-

ment. According to Wang et al. [30], fully turbulent

flows in microfin tubes were achieved at the roughness

Reynolds number of 23. This means that most of the li-

quid film above the fin tip is fully turbulent flow in the

annular flow regime. For the fully turbulent region,

shear stress can be expressed as

s
q
¼ em

ou
oy

ð20Þ

Hence, eh can be expressed using turbulent Prandtl

number and shear stress terms. Because the liquid layer

is very thin, shear stress can be assumed as constant in
avallni

t al.

Goto

et al. (1)

Goto

et al. (2)

Newell and

Shah

This work

3.2 10.6 16.6 21.9 32.7

3.7 11.6 22.8 19.6 35.2

3.2 27.5 22.8 40.5 36.7

2.8 28.5 21.8 38.2 45.2

5.8 22.2 33.3 24.7 27.6

7.5 24.1 33.6 20.1 29.2

3.1 53.8 57.9 47.4 50.3

0.4 23.2 26.6 35.5 30.2

6.7 57.7 84.1 9.9 23.8

9.9 66.9 89.2 14.7 27.4

2.4 14.1 24.7 34.3 15.7

9.5 17.0 22.5 40.5 30.8

6.4 34.8 44.6 32.0 33.7
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the liquid layer and the universal velocity distribution

can be applied in the turbulent region, Eq. (18) can then

be reformed as follows;

qcput
h

¼ tþw þ
Z dþ

eþ

2.5Prt dyþ

yþ
ð21Þ

tþw was correlated with e+ (=eut/m) and Pr.

tþw ¼ 0.904eþ
0.592

Pr0.729 ð22Þ

The turbulent Prandtl number was assumed as 0.85.

The final form of heat transfer coefficient correlation

is

h ¼ qcput
0.904eþ0.592Pr0.729 þ 2.1335 lnðd=eÞ

ð23Þ

where, liquid film thickness (d = (1 � k)Di/4) was ob-

tained from Yashar�s [16] void fraction correlation.

When liquid film thickness is less than a fin height, the

logarithm term of Eq. (23) is neglected. This correlation

can be applied in the annular flow regime. The annular
Table 3

r.m.s. deviation for heat transfer coefficients

Refrigerant Di [mm] Cavallini

et al.

Yu and

Koyama

R134a 4.0 52.8 19.2

5.1 58.4 14.9

6.46 48.3 8.8

8.92 47.9 27.7

R22 4.0 20.3 73.6

5.1 37.1 13.4

6.46 22.8 15.0

8.92 34.7 23.8

R410A 4.0 16.2 97.8

5.1 18.6 61.5

6.46 14.6 20.6

8.92 12.9 7.3

Total 35.8 42.3

Table 4

r.m.s. deviation for NIST data

Pressure drop NIST This work Total H

Choi et al. 24.4 45.3 36.4 Ca

Nozu et al. 54.2 130.8 43.9 Y

Haraguchi et al. 25.8 96.9 61.8 K

Kedzierski and Goncalves 27.0 49.9 40.1 Sh

Cavallni et al. 23.5 36.4 32.2 Th

Goto et al. (1) 18.6 34.8 27.8

Goto et al. (2) 32.5 44.6 42.4

Newell and Shah 31.6 32 37.7

This work 21.7 33.7 29.7
flow regime can be discerned using the Censi et al. [18]

flow regime map.

Table 3 shows the root mean square (r.m.s.) devia-

tion (%) for condensation heat transfer coefficients.

The Yu and Koyama [9] correlation gave the best pre-

diction for R134a while Eq. (23) showed the best results

for the R22 and R410A data. Eq. (23) also gave the best

results for the 4 and the 5.1 mm inside diameter tube.

For the 6.46 and the 8.92 mm inside diameter tube,

the Kedzierski and Goncalves [4] and the Yu and Koy-

ama [9] correlations produced the best predicting perfor-

mances, respectively. The overall r.m.s. deviation of Eq.

(23) was the lowest among correlations for this experi-

mental data. These proposed correlations for the fric-

tional pressure drops and the condensation heat

transfer coefficients were also compared to the open

experimental data (518 data for the pressure drop and

1593 data for the heat transfer coefficient) of NIST re-

ports [31,32]. Their pressure drop data were composed

of three different tubes (8.92, 7.33, 14.68 mm ID tubes)

with seven refrigerants (R134a, R22, R410A, R502,
Kedzierski and

Goncalves

Shikazono

et al.

This work

10.2 39.8 33.6

22.4 61.8 38.9

17.6 63.8 25.8

38.8 73.4 24.4

43.4 23.0 11.9

11.6 54.5 25.2

5.7 61.0 9.9

36.3 64.8 24.8

53.9 14.0 19.0

28.1 29.9 18.7

11.4 49.3 12.5

24.2 55.3 10.6

29.8 53.7 22.6

eat transfer coefficients NIST This work Total

vallini et al. 36.6 35.8 36.5

u and Koyama 69.2 42.3 66.1

edzierski and Goncalves 23.0 29.8 24.1

ikazono et al. 34.2 53.7 37.6

is work 28.2 22.6 27.5
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R507A, R125, R32). For the NIST heat transfer coeffi-

cient data, an 8.92 mm ID tube with four refrigerants

(R32, R125, R134a, R410A) was used. Table 4 shows

the comparison between NIST data and the proposed

correlations. The Goto et al. (1) [8] and the Kedzierski

and Goncalves [4] correlations showed the best predic-

tion for the frictional pressure drops and the condensa-

tion heat transfer coefficients, respectively. The Goto et

al. (1) [8] correlation showed relatively poor predicting

performance for 4 and 5.1 mm ID tubes with R410A.

The Kedzierski and Goncalves [4] correlation also

showed poor performance for 4 mm ID tube with

R410A. Table 4 shows these results.
4. Conclusions

Condensation heat transfer and pressure drop were

experimentally investigated in 8.92, 6.46, 5.1, and

4 mm maximum inside diameter microfin tubes with

R134a, R22, and R410A. The Kosky and Staub [21]

and the Jaster and Kosky [22] heat transfer correlations

and the Müller-Steinhagen and Heck [24] pressure drop

correlation for smooth tubes were used to evaluate the

heat transfer enhancement factors and the pressure drop

penalty factors of the tested microfin tubes. The varia-

tion of the heat transfer enhancement factors with vapor

quality and mass flux showed similar tendencies as those

of the pressure drop penalty factors. Based on experi-

mental data, correlations for condensation heat transfer

coefficients and frictional pressure drops for the four

tested microfin tubes were proposed with the heat–

momentum relation.
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